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Abstract: This paper presents a comprehensive methodology to enable the optimization of
an automotive electric axle to reduce noise emissions and improve load distribution. The
proposed method consists of the application of two sequential optimization procedures. The
first one focuses on the gears’ macro-geometry, based on an objective function that combines
the contact ratio, power loss, and center distance. The second one optimizes the micro-
geometry of the teeth to reduce the sound pressure generated by tooth impacts. Mechanical
stress limits are considered as a constraint in the optimization process. Shafts, joints, and
the electric motor are analyzed, taking into account their deformation that influences the
dynamics of the entire system. The results of the proposed procedure are verified through
experimental measurements and the comparison can be considered successful.
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1. Introduction

Optimizing the acoustic performance of gears has become a major challenge in the
design of mechanical systems, particularly for e-axles, whose spread is being promoted
by the boost towards the massive electrification in the automotive industry. The design of
electric axles is a key element in the architecture of electric and hybrid vehicles, enabling
the conversion of electrical energy generated by the electric machine into mechanical en-
ergy transmitted to the wheels via a gear reducer. The use of a high-ratio gear reducer is
mandatory since the speed of the electric motor is significantly higher than that required
by the tires. High manufacturers’ standards require that the design of such a gearbox must
ensure efficiency, durability, and also acoustic comfort. The acoustic optimization of gears
can be addressed with different design strategies, involving combined aspects of their ge-
ometry and manufacturing: the choice of the number of teeth and their macro-geometry [1];
tooth profile corrections (micro-geometry) that alter the shape with respect to the involute
profile [2]; and the control of the surface finishing and manufacturing tolerances [3,4]. Each
element may contribute to improving the overall acoustic performance.

The optimization of macro-geometry, which concerns the choice of tooth number,
pressure and helix angle, module, profile shift, and backlash, directly influences the acoustic
emission during meshing. This is strictly related to the contact ratio, which measures the
number of teeth in contact simultaneously between two gears during their meshing. Studies
by Kahraman et al. [5] have shown experimentally the effect of contact ratio on the torsional
vibrations of a spur gear pair with the assessment of the dynamic transmission error and
contact forces. In addition, T. Sato et al. [6] analyzed the effect of vibration in a large set of
contact ratios using simulations and experimental data. He demonstrated that optimization
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depends on the profile correction adopted and that, as the contact ratio increases, vibration
tends to decrease. However, increasing contact ratio requires teeth with a smaller pressure
angle, reduced pitch, or extended addendum. All factors affect tooth stress, possible
interference, high wear and also pitting risk [7-9]. Therefore, the acoustic optimization
depends on a combination of parameters and aims to find an adequate trade-off between
reliability, efficiency, and noise emission.

Tooth profile optimization (micro-geometry) is related to the ability to compensate for
tooth deflection during meshing due to high loads and misalignment. Tooth bending, gear
body distortions, and whole gear body give an overall relative deflection at the contact point
that produces a displacement from the ideal angular position of the gears. This effect is
measured through the transmission error (TE), defined as the difference between the actual
position of the driven gear and what it would be in the case of ideal kinematic meshing [10].
The TE can be evaluated in static and dynamic conditions using analytical and numerical
approaches [11,12]. Moreover, several novel approaches have been introduced to evaluate
the TE in dynamic conditions, using multibody dynamic simulations as a valid tradeoff
between accuracy and computational efficiency [13]. Since the TE directly influences the
vibration of the gearing system, efforts have been made by the scientific community to
reduce the amplitude of the TE. Profile modification is one of the most common solutions
to reduce the TE. For this reason, several methods are present in the literature regarding
the effects of the profile modification on the dynamic response of the gear system [14-16].

Other studies [17,18] have also focused on the different techniques for measuring
TE and correlating it with the dynamic factor [19]. A good practice in the design phase
is to apply a modification to the profile in order to ensure a more uniform load distri-
bution to minimize contact stresses, friction forces [20,21], and tooth wear, and reduce
power loss [22,23]. Another element that affects the acoustic emission is the tooth surface
roughness due to sliding [24,25]. Different researchers have shown that gear machining
may be one way to control acoustic emissions and vibration transmission. Experiments
conducted on a pair of bevel gears [26] show that using different manufacturing techniques
(lapping process, hard finishing process), it is possible to reduce the amplitude of meshing
harmonics, improving noise emission and reducing pitch.

Several multi-objective processes are proposed in the literature to reduce whine noise,
improve efficiency, and minimize transmission errors in gear design. One approach uses
the Non-Dominated Sorting Genetic Algorithm II (NSGA-II) to optimize both macro- and
micro-geometry parameters of a gear unit, aiming to minimize power loss and vibrational
excitation, emphasizing the importance of simultaneous optimization of these factors [27].
Another study focuses on agricultural tractors, where gear macro-geometry is optimized
using the Non-Dominated Sorting Genetic Algorithm III (NSGA-III) to reduce transmission
gear whine noise, leading to a 3.1 dBA reduction in noise levels and improved comfort for
the driver [28]. The optimization of helical gear macro-geometry to achieve low weight,
high efficiency, and reduced noise is also explored, with a focus on the trade-off among
these objectives [29]. Furthermore, the influence of gear tooth addendum and deden-
dum on optimization results has been investigated, showing improvements when these
parameters are considered alongside other design variables [30]. In another work, the
response surface methodology is applied for micro-geometry optimization, significantly
reducing peak-to-peak transmission errors and contact stress while maintaining the re-
quired safety coefficient [31]. A robust methodology for optimizing both macro- and
micro-geometry, focusing on minimizing static transmission error and mesh stiffness fluc-
tuations, is introduced, with Monte Carlo simulations used to account for manufacturing
errors [32]. Another structured approach combines meta-models and robust optimization
to improve gear microgeometry, yielding gains in transmission error reduction and stress
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minimization [33]. Recent research also investigates the optimization of gear design using
a multi-objective approach to find the best way to achieve minimum dynamic excitation,
including gear-mesh stiffness and dynamic behavior as objective functions [34]. Finally,
robust optimization techniques based on contact ratio control are used to address the
effects of mounting errors on helical gears, improving performance under different torque
conditions [35].

Several studies in the literature address the optimization of transmission noise vibra-
tion harshness (NVH) performance, with a focus on the minimization of the transmission
error even to design spur gears considering multiple failure modes [36]. However, it is
often observed that NVH-optimal solutions can negatively impact reliability, particularly
as the contact ratio increases. Moreover, tooth profile optimization is performed not only
to reduce transmission error but also to ensure centered tooth contact in the presence
of misalignments caused by shaft and housing deflections. Unlike other scientific stud-
ies, the optimization of acoustic performance is carried out considering all aspects of the
transmission such as reliability, efficiency, center distance, stress distribution along tooth
width, and specific sliding. Another difference is the use of the approach to optimize NVH
performances. Many studies have explored minimizing the transmission error, while in
this work, we used a simplified sound pressure model proposed by Masuda [37], which
considers not only transmission error but also macro-geometric aspects of the gears, such
as contact ratio, helix angle, transmission ratio, tangential speed, and transmitted power.

From the analysis of scientific literature, it is clear that a complete NVH design of
an e-axle needs to include both aspects related to the macro-geometry of the gears and
aspects related to their micro-geometry. In addition, since the actual loads exchanged by
the gears as well as the vibration phenomena are influenced by the compliance of support
structures such as bearing and shafts, they must necessarily be included in all design
evaluations. Dealing with an optimization that includes all these aspects simultaneously
can be computationally burdensome and not suitable for quickly evaluating different design
alternatives. Hence, the idea of the present work was to approach the design of an e-axle
through a procedure consisting of two steps that implement two successive optimizations.

o  First step: macro-geometry optimization, based on an objective function that combines
the contact ratio—closely related to sound pressure—with dissipated power and the
center distance between shafts. To reduce the computational cost and explore a larger
number of solutions, transmission error and, consequently, sound pressure are not
computed at this stage. Only gear parameters are considered without shafts and
their deflection.

e  Second step: micro-geometry optimization, performed using sound pressure as the
cost function, incorporating tooth contact analysis and transmission error calculation.
Stress distribution is considered a constraint in the optimization process. Shafts, joints,
and electric motors are considered with their structural behavior.

The proposed methodology is based on a lumped-parameter model of the entire
transmission in order to take into account all the relevant contributions. The procedure
is described using a specific implementation of an e-axle, thus being able to address the
various steps in detail. However, none of the assumptions or initial hypotheses confine
the proposed methodology to the selected case, keeping it completely general for a much
wider application in the automotive field.

The novel contribution of this work is the introduction of a multi-objective optimiza-
tion approach that integrates various design criteria to achieve the best gear design on
multiple aspects such as noise emission, power loss, and size. Unlike conventional meth-
ods that typically focus on isolated aspects—such as minimizing noise or maximizing
strength—this method aims to optimize the entire transmission architecture by simultane-



Machines 2025, 13, 330

4 of 30

ously reducing acoustic emissions and meshing losses. A distinctive feature of the approach
is its ability to address both macro- and micro-geometrical parameters within a unified opti-
mization framework. This is particularly relevant given the complex trade-offs involved, as
design variables often exert opposing effects on performance targets. The effectiveness of
the proposed method is demonstrated through a case study, whose outcomes are validated
against experimental data.

The paper is organized as follows. The first part describes modeling of the main
e-axle components. Then, the two-step optimization procedure is introduced focusing on
both macro- and micro-geometrical steps. In the third part, the case study is introduced,
and in the last part, the results of numerical optimizations are compared to those from
experimental campaigns.

2. E-Axle Modeling Approach and Subcomponents

In very general terms, an automotive e-axle is a mechanical transmission system
that combines the presence of some main elements including electric motors, connecting
shafts, bearings, and gears. In order to describe the structural behavior of these elements,
it is necessary for each of them to deduce a mathematical model that is reliable and
computationally efficient. It was decided to model each of these functional blocks by means
of a lumped-parameter approach that allows the main characteristics to be taken into
account without having to struggle with a detailed discretization. Each block is defined
with its inputs and outputs in order to be connected with adjacent blocks using sequential
logic to easily compose even complex embodiments. The modeling details of each block
are presented below.

2.1. Electric Motor

The electric motor is modeled as a driving element (Figure 1), incorporating the
torque-speed map that defines the operational characteristics of the component. Using the
rotational speed of the electric machine as the input, the transmitted torque is obtained as
the output (the nomenclature of the parameters is reported in Table 1). Dynamic effects
such as torque ripple, radial and tangential forces, and frictional forces are excluded from
the model, as its purpose is not to analyze housing vibrations but rather to evaluate the
acoustic emissions of the gears and the forces transmitted through the meshing process.

Figure 1. Electric motor model input/output.

Table 1. Input/output data for electric motor.

Input Output

Speed w [rpm] Torque C [Nm]

2.2. Ball Bearings

The ball bearings are modeled as elastic elements (Figure 2). In the case of ball
bearings, they connect the ground to the respective shaft, whereas roller bearings provide a
connection between two bodies.
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Figure 2. Bearings model input/output.

In Table 2, all the referenced parameters are summarized.

Table 2. Input/output data for bearing model.

Input Output
Internal raceway groove " [mm] Stiffness k, [N/m]
curvature radius
External raceway groove [mm] Deflection 5, [mm]

curvature radius e
Ball diameter D
Bearing pitch diameter dw [mm]
Contact angle «
Normal load Q

The stiffness of the bearings is calculated based on Hertzian contact theory and with
the use of standard ISO 16281 [38]. Under a normal load, the contact area between the ball
and the inner and outer raceways is elliptical, as shown in Figure 3. The contact pressure
distribution takes the shape of a paraboloid. The normal load can be related to the contact
deformation according to the following formulation:

Q = k&%/? 1)

v

2a

A4

Figure 3. Contact model of the ball and grooves inside the bearing.

The curvature parameters for the inner and outer raceways are calculated. The elonga-
tion ratio ) of the ellipse and the equivalent curvature I' are defined as

X= b 2)
1 1

I'= R—l + R—z 3)
D cosa

= 4)
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that for the inner raceway becomes

Re=(1-7)7 ®
7
Ry = 2rl- l (6)
o1
while for outer raceway becomes
D
Rye = (1 + ’Y)E )
v
Rye = 27, d (8)
o1
The elongation ratio x is obtained by solving the following equation:
2 (EX) )
- ——=<—1|-T=0 )
X1 (5()()
where F(x) and S(x) are the elliptic integrals of the first and second kind, respectively:
1
F(x) = dip (10)

/2
/O \/1— (1— Xlz> sin? ¢

S(x) = /Om \/1 - (1 - Xlz> sin2 ydp (11)

The integrals can be solved numerically, as no analytical solution exists. At this point,

the contact stiffness for the individual interaction between the ball and each raceway can

_ V2 _nE | 2F(x)
k=F 12 x rs(x)? (12

Considering the deformation with the outer raceway ¢, and the inner raceway ¢;

be calculated:

we have
Q =k} = kig}? (13)

The total deformation J, and the total stiffness k, are calculated accordingly:

1 1 372

2.3. Shafts

The shafts are modeled using the elastic theory of the Euler beam model under the
hypothesis of small displacements. Figure 4 shows the input and output parameters of the
shaft model.

In Table 3, all the input and output parameters for the shaft model are summarized.

To calculate the shaft deflection, the following data are required:

e  Shaft geometry: The shaft is divided into n sections, each characterized by its length L,
inner diameter D;, and outer diameter D,;
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e  Material properties: Young’s modulus E, shear modulus G, moment of inertia I, polar
moment of inertia |, and cross-sectional area A;

e  Boundary conditions: types of constraints, such as hinges, fixed supports, and bearings;

e Applied loads: radial and axial forces, as well as torques, including forces generated

by gears or pulleys.
I}
y o
—> V
g —> ] I N B R
>
P 0
M
Figure 4. Elastic shaft model input and output parameters.
Table 3. Input and output parameters for the shaft model.
Input Output
Moment of inertia I [mm?] Axial displacement u [mm)]
Polar moment of inertia J [mm*] Vertical displacement v [mm]
Area A [mm?]  Transverse displacement w [mm)]
Young modulus E [N/mm?] Torsion angle 0 [°]
Shear modulus G [°]
Applied torque M [Nmm]

Given the external forces F, and torques M, applied to the shaft, the reaction forces F;
and reaction moments M; at the supports (e.g., bearings, joints, or other constraints) are
calculated using the following equilibrium equations:

Y Fi=YF (16)
Y M = Y M, a7)

Each segment (each portion with the same cross-section) is treated as a beam, with
the elastic equations solved separately and then connected through continuity conditions
at the boundaries (displacement and slope). Depending on the type of deformation to
be determined, whether the vertical displacement v, transverse displacement w, axial
displacement u, or torsion angle 6, the following differential equations are solved:

e Bending
d?v(x) d*w(x)
Mz(x) = EIxxW/ My(x) = ElyyW (18)
d3o(x) dw(x)
Fy(x) = Ela—r 5~ F.(x) = El,, e (19)
e Torsion
do
M;(x) = GIT; (20)

e  Stretching

Fe(x) = EA- 1)
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The next step is to apply the continuity conditions between elements. For instance, in
the case of bending for a single i-th segment, the elastic equation is integrated twice:

dv [ M(x)
a_/EiIidercl, (22)

M
mm:/ ) g Vdx + Cypx + Cy (23)
Eil;
where Cy; and Cy; are the integration constants that are specific to each segment. The
continuity conditions between i-th and (i + 1)-th elements impose the following:

e  The deflection v(x) must be continuous at every connection point between two seg-
ments at the junction x.. The following equation is enforced:

vi(xc) = Vi1 (xc) (24)

e  The slope dv(x)/dx must be continuous at transition points, except in the presence of
discontinuities in the bending moment (e.g., applied torques):

dv;(xc) _duig (xc)

dx  dx (25)

The boundary conditions depend on the type of constraints on the shaft. The constants
C1; and Cy; are determined by enforcing these conditions at the constraint points and
solving the resulting system.

2.4. Gears

Gear elements are modeled by including both the macro-geometry and the profile
modifications applied to the teeth. In Figure 5, all the parameters of the model are summa-
rized and then reported with their units in Table 4. The detailed description of the micro-
and macro-geometric parameters are reported in Sections 5 and 6, respectively.

b

7 > PPTE
m, —> Sk

n
hgp —— Ve N ——> SFy
hep — ] —> ¢
14 > S
B | —

X > » &a
M L % £
/ = 5
Ca E— f
Ca’rx l E— Ft
Cup \ J - > F
LCf — Fa
Cff E— L Fn
Cp

Figure 5. Gear model input/output.

For the calculation of the shaft deformation and the bearing reactions, the meshing
forces are firstly evaluated (radial, axial, and tangential forces):

e  Tangential force:

F = % (26)
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e  Radial force:
F, = F-tan (27)
e  Axial force:
F, = F-tan (28)

e Normal force:

F, = \/F*+ F2 + F? (29)

tanay,
= at
x; = a an( tan B > (30)

where

Table 4. Input/output data for gear model.

Input Output
Face width b [mm] Peak—Pee.lk static PPTE [Hm]
transmission error
Number of teeth z [-] Tooth bending strength SF [-]
Normal module My [mm)] Tooth pitting resistance SH [-]
Addendum hap [mm] Specific sliding Cr [°]
Dedendum hep [mm)] Center distance a [mm)]
Pressure angle % [°] Transverse contact ratio ) [-]
Helix angle B [°] Axial contact ratio €p [-]
Correction factor x [-] Total power loss Py (kW]
Torque M [Nm] Tangential force F [N]
Tip relief length Lea [nm] Radial force F, [N]
Tip relief amplitude Can [nm] Axial force F, [N]
Fiﬂ;g&i;ﬁfe Chp [um)] Normal force E, [N]
Root relief length Ley [nm]
Root relief amplitude Cyr [nm]
Flank line crowning Cs [um)]

Once the shaft deformation and the displacement of the wheel body have been calcu-
lated, the transmission error is determined. To calculate the static transmission error (STE),
the flexibility of the tooth must be considered. The tooth stiffness is modeled according to
the theory of Weber [39], which considers three effects:

e  Gear body deformation (see Figure 6 for the meaning of the parameters)

F
5, = = cos?(ay)

2
=5 1—1/2[18% 2(1—21/)yp+4.8'<1+1—1/

2
E s 1-v sy 24 @n (M))] B1)

P
e  Tooth bending deformation (see Figure 7 for the meaning of the parameters)

= B o = [ [ =) 2(a) + 22 ) [ Y
Op; = = cos™ (&) — [120 (2x')° dy + { tan*(ar) + 17— 0 2

(32)

| IS

e Contact deformation (see Figure 8 for the meaning of the parameters)
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T, “

Figure 8. Contact deformation during tooth meshing.

F;
(SHl,Z = 7Tb<

1—1v2 b? vi(1+vq)
E; n<4t§> E |
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Therefore, the transmission error calculated along the path of contact is
STE = 51}1 + 5b1 + §H1,2 + 5t2 + 5h2 (35)
The tooth stiffness, in the case of cylindrical gears, is given by
F
C= STE (36)

It is interesting to notice that, even if at this stage the model does not account for
lightning features or the presence of holes in the gear body, these features can be introduced
by modifying the mesh stiffness related to the rim and modifying the inertia properties of
the gears accordingly.

The model is extended to the case of helical gears. In particular, the approach proposed
in the literature [40] is used, where the gear is divided into multiple infinitesimal slices
connected by a torsional spring with stiffness C:

2 GitCin

Cc= f'Asec ) (37)

where Ag,. is the number of slices and f is the slices linking factor, with a typical value of
0.04 [40]. C; and C; 1 are the total stiffnesses of the i-th tooth and (i + 1)-th slice, respectively.
The set of equations that describe the force—displacement relationship is given by

[C1 + C¢ —C. 0 0 0 5 Fq
—C. G +2C —C. 0 0 5 Fp
0 —C. C3+2C. —C; 0 03 Fi3 8)
0 0 —C. —C, 0 04 Fi
. . 0 _CC C?l*l + ZCC _CC 5‘ ’
L 0 0 0 —Cc Cn+ C.] n Fin

The specific sliding { can be defined as the ratio between the sliding velocity of the

pinion, vy, and that of the gear, v,. It refers to the gear (2) and pinon (2) as the ratio to the

respective sliding velocity. Let us consider (¢,

_ Pp17Up2
Cfl — Pvpl 2

o vpl_va (39)
éfl - UpZ

The pitting verification for gears is a fundamental analysis to evaluate the resistance
of tooth surfaces to cyclic loading. This procedure helps to prevent the formation of
microcracks and progressive wear phenomena, thereby ensuring the durability, reliability,
and efficiency of the transmission system. Pitting verification involves the assessment of
the contact stress caused by the applied loads, denoted as oy, and comparing it with the
allowable limit, 07y, under operating conditions. The detailed procedure to compute these
terms is explained in [41] and reported in the Appendix A.1 for completeness.

Moreover, in order to include into the optimization the root stress limit o, the tooth
root stress limit org, and the bending safety factor Sr, the procedure proposed in the ISO
standard [42] is also considered. The detailed procedure is reported in Appendix A.2
for completeness.

When the power is transmitted through a gear unit, various components experi-
ence losses that generate heat. The total power losses (Py) in a gear unit comprise load-
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dependent losses and zero-load contributions. According to ISO/TR 1419-2 [43], the overall
power loss of a transmission can be evaluated as

Py = Pyzo + Pyzp + Pyro + Pyrp + Pyp + Pyx (40)

where Py 7 is the zero-load-dependent loss derived by churning/windage/squeezing, Py z
is the load-dependent loss associated with tooth friction, Py the load-independent loss
of roller bearings, Py p is the load-dependent loss of roller bearings, Pyp is the loss due
to seals, and Pyx incorporates all the other auxiliary losses not included in the previous
components. The detailed procedure to compute these terms is explained in [43] and
reported in the Appendix A.3 for completeness.

3. Noise Prediction Model

The semi-empirical equation developed by Masuda provides a practical approach for
estimating gear noise at 1 m [22]. This method uses parameters such as transmitted power,
rotational speed, contact ratio, gear ratio, helix angle, and accuracy grade. The following
equation demonstrates strong alignment with experimental results under standard operat-
ing conditions. The Masuda formulation is used to compare different gear geometries with
the hypothesis that the gears are changed in the gearbox used to validate the semi-empirical
equation. So is it possible to estimate the sound pressure level (SPL) for meshing:

20-(1—tan i 70125
SPL = ( sﬂ.(zg)) A S22 4 20- logyo (W) + (41)
+20-1ogq ( ZHIE5-C) +20

where

B is the helix angle;

T is the transmission ratio;

¢, is the transverse contact ratio;

v is the tangential velocity;

W is the input power;

PPTE is the peak-to-peak static transmission error;
F, is the normal tooth force;

| is the effective face width;

C is the mean mesh stiffness.

Equation (41) is closely related to the geometric characteristics of the transmission,
particularly the number of teeth, helix, and pressure angles, as well as the center distance,
height, and thickness of the teeth. This term plays a predominant role as the operating speed
of transmission increases. It highlights that an increase in the contact ratio can contribute
to reducing noise emissions. Two significant challenges should be carefully addressed.
First, achieving high contact ratio (HCR) features in spur gears involves increasing the
addendum coefficient or decreasing the normal pressure angle. While increasing the
addendum coefficient results in higher relative sliding velocities and necessitates a larger
minimum tooth count to prevent undercutting, decreasing the normal pressure angle
compromises the bending strength of the gears. Second, unavoidable elastic deformations
and machining inaccuracies lead to interference or separation between meshing teeth.
This issue is particularly pronounced in HCR gear transmissions, where the simultaneous
engagement of multiple teeth amplifies noise and reduces efficiency. Therefore, it is essential
to properly size the gears, identifying the optimal combination of parameters to maximize
the contact ratio, while preserving structural reliability and minimizing power losses. The
second term of the equation is linked to the transmitted power, a constant independent of
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the geometric configuration of the gears. The third term is associated with the flexibility
of the teeth and force variations that may occur during operations. The variation in
transmission error over a meshing cycle is directly influenced by the tooth profile. The
choice of micro-geometry represents a complex challenge, as it affects both noise emissions
and the tooth’s ability to compensate for misalignments caused by assembly tolerances and
the flexibility of shafts and housings.

The use of a simplified formulation such as that of Masuda allows us to identify
promising configurations without the computational complexity of high-fidelity acoustic
simulations, which are more appropriate in the final stages of the design process. It is
important to note that Masuda’s approach does not account for factors such as the actual
stiffness and geometry of the housing, wave propagation and reflection phenomena, or
dynamic effects like resonances. Nonetheless, in the early stages of the design process, the
availability of a comparative and computationally efficient procedure capable of providing
insight into optimal configurations is of significant industrial relevance, as it enables rapid
exploration of the design space and early identification of viable design directions.

For high-performance transmission applications, it is crucial to identify a configuration
that not only maximizes performance but also ensures reduced weight and high efficiency.
In the early stages of design, it is advisable to explore unconventional solutions and
define design guidelines for the components. To this end, optimization processes serve
as a fundamental support, allowing the analysis of numerous solutions that would be
unmanageable using traditional iterative approaches. While the model focuses on noise
generated by a single gear meshing, in systems with multiple gear meshes, noise levels are
typically approximated by summing the contribution of individual meshing. However,
this approach oversimplifies the physics, as the interaction of sound waves is influenced by
their frequency and phase rather than being a simple additive process. For two pairs of
gears in meshing we have

SPLy SPL,
SPL = 20-log,, (1020 + 1020) (42)

4. Optimization Strategy

As briefly described in the introduction, the optimization strategy to maximize the
acoustic performance of the transmission while ensuring its reliability follows a two-
step scheme. First, optimization is performed to find the macro-geometric parameters
of the gears, and then the optimization moves to search for the optimal micro-geometric
parameters. Therefore, the whole optimization process is divided into two steps:

(1) Macro-geometry optimization: This phase focuses on identifying a gear configuration
that maximizes the contact ratio without compromising structural reliability. The
analysis is limited to the gear pair to identify the optimal geometric configuration.
Additionally, as this procedure is applied during the design setup phase, it aims
to select a configuration that minimizes the center distance, thereby reducing the
transmission’s size and friction losses.

(2) Micro-geometry optimization: This phase aims to minimize the peak-to-peak trans-
mission error (PPTE). The analysis requires a detailed study of tooth contact, includ-
ing the evaluation of shaft deflection and support stiffness, which vary with the
applied load. Since the load is inherently nonlinear and iterative, optimizing the
macro-geometry first reduces the overall computational complexity before addressing
micro-geometry.
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As a final step of optimization, it is possible to introduce a cross-check verification
to verify that the sequential approach has maintained the fulfillment of the structural
constraints on the allowable stresses.

To limit the computational burden, optimization involves several simplifications,
including the adoption of a static calculation to determine the transmission error. This
approach initially disregards amplification phenomena in the transmission and shafts,
deferring these aspects to subsequent detailed analysis. Both the optimization steps are
performed using the non-dominated sorting genetic algorithm II NSGA-II, introduced by
Deb et al. [44] due to its proven efficiency in balancing solution diversity and convergence
toward the Pareto front. This algorithm has demonstrated particular effectiveness in
addressing complex engineering problems, ensuring robust and versatile solutions. The
algorithm is structured according to a flowchart that summarizes the main key steps, as
reported in Figure 9. The algorithm is well known in the scientific community; therefore, it
is not considered necessary to go into detail about each of the key points, but the interested
reader can find all the details in the seminal paper of the method [44].
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Figure 9. Flowchart of non-dominated sorting genetic algorithm II used for both the optimization steps.
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5. Macro-Geometry Optimization Step

In Table 5, all the parameters used for the first step of the optimization process are
described, while in Figure 10, the macro-geometry optimization variables are depicted in a
drawing for a more intuitive definition. The center distance has been included among the
optimization parameters because it can influence mesh stiffness, which is directly related
to acoustic emission. As demonstrated by Skrickij and Bogdevi¢ius in [45] and then Luo
et al. in [46], variations in center distance can affect the dynamic behavior of the gearbox,
influencing both mesh stiffness and acoustic performance. In this conceptual example, the
optimizer is intended for the early stage of the design process, where positional constraints
are not yet fully defined.

Table 5. Variables in the macro-geometry optimization.

Optimization

Input Variables

Constraints Objective Functions

Electric machine Tooth bending Center-to-center

Normal module m,,

power W strength SF¢ > 1.5 distance a
Overall transmission Tooth pitting Transverse contact
. Pressure angle « . .

ratio T resistance SFy > 1.5 ratio g,

Helix angle 8
Addendum factor h,p
Dedendum factor h¢p

Number of teeth z
Correction factor x
Face width b

Specific sliding {r <3  Total power loss Py

Path of

e S contact

Figure 10. Variables in the macro-geometry optimization.

In this optimization process, the center line angle was not included among the design
parameters. This decision is driven by the fact that, in real applications, the transmission
layout is often predefined and constrained by packaging limitations and the presence of
surrounding components.

The cost function to be maximized is defined as

Froo = utem ot Pvt By (43)

f f f
gre are P‘r/e

where £fo ,a"f, and P{ff are the reference values of an initial geometry used to make the
output parameters dimensionless. The negative sign is used for center—center distance and
power loss because the objective is to find the best solution with maximum transverse ratio
and minimum size and power loss.

The objective function is defined to minimize acoustic emissions by maximizing the
contact ratio. To prevent potential trade-offs—such as reduced mechanical reliability due to
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excessively thin gear teeth—appropriate optimization constraints are introduced. In cases
where the optimizer tends toward thinner teeth to reduce noise, the inclusion of face width
as a design variable ensures that reliability requirements are still met through the adoption
of wider (and typically heavier) gears.

In Figure 11, all the parameters involved in the optimization process are shown in a
flowchart scheme. The process takes as the input the transmitted power and the overall
transmission ratio. The chosen cost function includes the contact ratio, related to acoustic
emissions, center distance, and dissipated power. The optimization goal is to identify the
gear configuration that minimizes acoustic emissions, size, and dissipated power.
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!

Ty z1 by X1 hgpy hfPl by x5 hap hsz
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Figure 11. Flowchart of the macro-geometry optimization process.

6. Micro-Geometry Optimization Step

Once the macro-geometry optimization has been concluded, the optimization of
the tooth profile is carried out. The input parameters for the second optimization step
(Table 6) include the transmission ratio of each gear pair, pressure angles, helix angles,
and the complete tooth geometry from the results of the previous optimization step. The
optimization variables of the process are graphically reported in Figure 12.

Table 6. Variables in the micro-geometry optimization.

Input Optimization Variables Constraints Objective Functions

Peak—peak of STE,

Electric machine Face load factor,

Tip relief length, L¢,

power, W KHﬁ >1.1 PPTE
Overall transmission . . . Sound pressure
ratio, T Tip relief amplitude, Cyq level SPL

Normal module, m,,
Pressure angle, «
Helix angle,

Addendum factor, h,;p

Dedendum factor, hsp
Number of teeth, z
Correction factor, x

Face width, b

Flank line crowning, Cﬁ
Root relief length, Lcys
Root relief amplitude, C ff
Flank line slope
modification, C Hp
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Figure 12. Optimization variables in micro-geometry step. On the left: tip and root reliefs; in the
middle: lead crowning; on the right: flank line slope modification.

The micro-geometry of the gears is optimized to minimize noise emissions, which,
as previously described, are assessed using Masuda’s formula. However, this optimiza-
tion must also account for the ability to compensate for misalignments caused by tooth
deformation and assembly errors. In addition to noise emission calculations, the optimiza-

tion includes the K HP factor, which considers load distribution Fy, along the tooth width
(Figure 13).

max(L; 1
Kpp = % where F,, = Z; L; (44)
n i=

Figure 13. Load distribution along the tooth hub.

As a constraint of the optimization process, the limit Kyyg < 1.1 is assumed to ensure a
well-centered tooth contact, as shown in Figure 14.

Kug = 1.30 Kug = 1.07

Figure 14. Comparison of a typical contact pressure distribution for different Ky;g values.

The objective functions are primarily aimed at minimizing noise emissions. Specifically,
there are two:

e  Peak-peak of static transmission error (PPTE);
e  Sound pressure level (SPL).
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In Figure 15, all the variables included in the optimization process are shown in a
flowchart.

______________________________

variable

Design (

Meshing
simulation
Gear 1 - Gear 2

[ I

SPL, PPTE, PPTE, SPL,

SPL, ’

[ SPL =20 logw(lo 20 +10 20

Meshing
simulation
Gear 2 - Gear 3

Cost
functions

Figure 15. Flowchart of the micro-geometry optimization process.

7. Case Study Description and Results

The chosen case study for discussing the optimization methodology is an electric axle
designed for a high-performance vehicle, shown in Figure 16. The considered configuration
includes two equal electric motors, each dedicated to one half-shaft and to one wheel. The
two sides of the axle are symmetric, and assuming their identical behavior, the analysis is
conducted by considering only one side of the axle. The electrical power is converted into
mechanical power through a two-stage helical gear reducer and a planetary gear set.

Electric motor

Ball bearing Finion;

| Input shaft
Idler

Idler shaft

Planetary Gear
Gear
Roller bearing

Output shaft
Halfshaft

Figure 16. E-axle layout of a single wheel. On the left, a cross-section with nomenclature is depicted.
On the right, a rendered isometric view is shown.

The optimization process is applied to the first and second reduction stage using helical
gears. For the planetary gears, optimization is not performed as their configuration more
evenly distributes forces, reducing noise and vibrations. Multiple gears are in simultaneous
contact during operation, which better distributes the load and contributes to quieter
operation. Furthermore, the goal is not to increase the complexity of the calculation and
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to propose a generic methodology to be applied for all types of gears. The e-axle model is
showed in Figure 17 and consists of

1°gear

ducti
Input shaft reduction

2°gear

Idler shaft reduction

Electric
motor

Output shaft

bearing

Figure 17. Schematic model of the e-axle of the case study.

Four connection bodies: input shaft, idler shaft, output shaft, and ground;
One driving element: electric motor;
Two gear couplings;

Six ball bearings.

The results of the optimization process for the case study are presented below. The ini-
tial population is generated using a design of experiments (DOE) with 200 cases, combining
the variables according to the Latin hypercube sampling method. These initial solutions are
calculated to generate the starting points for the calculations. The mutation and crossover
process are used to generate 5000 samples, and these samples are used for each step in
the new population. The computation time required to analyze each sample is about 3 s,
allowing the optimizer to evaluate 5000 different solutions in 4 h using a Workstation
equipped with an Intel Core i9 14900 processor and 64 Gb of Ram.

Reference values sff =3,a"f =168 mm, and P‘rf f = 1.3 kW are used. In Figure 18a, the
optimization results for the contact ratio of the two gear pairs are presented. The results,
primarily influenced by the second gear pair, indicate that solutions with a higher contact
ratio are associated with increased cutting. Specifically, solutions achieving a higher contact
ratio for the first gear pair tend to result in larger overall dimensions. Consequently;, it is
more advantageous to focus on maximizing the contact ratio of the second gear pair to
minimize power loss. However, as shown in Figure 18b, increasing the contact ratio leads
to higher power dissipation, as the greater number of teeth in contact intensifies the sliding
between surfaces, resulting in increased friction and losses.

In Figure 19a, it is shown that solutions with a higher contact ratio for the first gear
pair are associated with lower safety factors for bending and pitting, as the teeth tend to
become thinner. Figure 19b illustrates the safety factors for the second gear pair, where
similarly, higher safety factors are linked to a lower contact ratio. Although the results
are less dispersed for the second gear pair, a similar trend is observed, with higher safety
factors corresponding to a lower contact ratio. This demonstrates the effectiveness of
the optimization process in selecting a configuration that meets the design constraints,
achieving an optimal balance between reliability and transmission ratio.

Starting from an initial trial geometry, a new gear geometry is selected with the same
input torque, center distance, and similar number of teeth for availability needs. A different
transmission ratio is used because we are comparing two e-axles with a different target
speed for output shaft. The new geometry is chosen to have a higher contact ratio (Table 7
and Figure 20), strictly correlated to the noise emission, and similar power loss with respect
to the reference geometry. This is possible with better load distribution between the teeth,
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leading to a reduction in the variation in mesh stiffness, which is a source of noise emission.
Table 7 presents a summary of the calculated geometries.

. aj+ap [mm] 400 . Py, +Py, kW] i
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Figure 18. (a) Results of contact ratio relative to center-to-center distance. (b) Results of contact ratio
relative to power loss.
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Figure 19. Results of bending and pitting safety factors relative to the contact ratio: (a) first gear pair;
(b) second gear pair.

Table 7. Comparison of macro-geometry between the non-optimized configuration and the optimized
configuration with a higher contact ratio.

Initial/Reference Optimized
Pinion Idler Output Pinon Idler Output
Torque M [Nm] 85 201 292 85 183 251
Speed w [rpm] 10,000 4210 2909 10,000 4651 3389
Normal module my [mm] 2.0 2.0 2.0 1.8 1.8 1.8
Pressure angle o [°] 20 20 20 20 20 20
Helix angle B [°] 28.5 28.5 28.5 28.5 28.5 28.5
Addendum factor hap [mm] 2.869 2.889 2.868 1.20 1.50 1.50
Dedendum factor h P [mm] 2431 2.811 2.932 1.80 1.80 1.80
Number of teeth z [-] 16 38 55 20 43 59
Correction factor X [-] 0.407 0.150 0.092 0.390 0 —0.359
Face width b [mm] 13 14 13 20 18 19.9
Center distance a [mm] 62.5 106.3 65.2 103.8
Transverse contact ratio € [-] 1.345 1.661 1.692 2.123
Power loss Pyy [kW] 0.85 0.45 0.80 0.50

For the micro-geometry optimization, an initial population is generated using the DOE
approach with a Latin hypercube distribution, considering 50 samples. In this case, a smaller
number of samples is employed due to the increased computational time required for each
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iteration. Each iteration is solved in 15 s. This increase occurs because both tooth contact
and shaft deformation are calculated during this phase. Therefore, for the mutation and
crossover process, in which 5000 samples are used, and these samples are applied at each step
in the new population, the total computation time is 21 h. The algorithm is applied to the
geometry of gears with a higher contact ratio, under identical torque and speed conditions, to
achieve performance enhancements. The optimization of the tooth profile is carried out to
further improve the acoustic performance of the transmission system. Figure 21 presents the
optimization results in terms of the acoustic pressure level and the peak-to-peak transmission
error for both gear pairs. The optimization algorithm finds the set of solutions that minimize
the acoustic pressure level and the peak-to-peak transmission error while satisfying the
imposed constraints. The feasible solution set is illustrated, emphasizing the relationship
between the sound pressure level and the transmission error for both gear pairs. Additionally,
the Pareto front is identified, representing the set of solutions where it is impossible to further
reduce the acoustic pressure level without increasing the transmission error, and vice versa.
The results in Figure 21 also show that, although the relationship between PPTE and SPL is
preserved, the solution set converges towards the Pareto front. This is because Equation (A19)
depends not only on PPTE but also on other design parameters. As a result, it is not possible
to reduce the PPTE of one gear stage without negatively affecting the other. The figure shows
how the reduction in acoustic emission is directly correlated with the reduction in transmission
error. The optimizer reaches the Pareto front, representing the set of solutions where further
reduction in acoustic pressure level is impossible without increasing transmission error, and
vice versa. The two star symbols represent the initial and final configurations of the optimizer.
It is evident that the optimizer succeeded in improving the acoustic emission starting from
the initial solution.

E-AXLEA E-AXLEB
\ / [ \ 4
Gear 1 ~\ / P\ A~ Gear 1 I~ \ [ A~
Gear 2 ,K N/ \ / \‘. Gear 2 { /‘/ \ / \
{ \J( N4 | \\7 | \»\ w4
£ = 1345 \ { £ =1.692 \ /
Gear 2 Gear 2
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£, = 1.661 \—/ - \ £, =2.123

Figure 20. Comparison of tooth geometry with different contact ratio.
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Figure 21. Micro-geometry optimization results.
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8. Experimental Results, Verification, and Discussion

To verify the calculation method, two e-axle geometries were tested: the first one
with non-optimized parameters and the other one designed and manufactured after the
optimization process. For both geometries, noise measurements were conducted using an
analog PCB. microphone model HT378B02 by PCB Technologies Ltd. (Ocean Township, NJ,
USA) with the following specifications:

Nominal diameter: %;

Frequency response characteristic: free-field;

Frequency range: (£2 dB) 3.5 to 20,000 Hz (3.5 to 20,000 Hz);
Dynamic range: 138.5 dB re 20 pPa.

The test was conducted in an anechoic chamber. Specifically, an electric axle consisting
of independent electric machines was used. Each electric machine applies a maximum
torque of 45 Nm at 1000 rpm, with a maximum speed of 15,000 rpm. The electric axle is
connected to the test rig via two half-shafts, each linked to a brake. Additionally, torque
transducers are employed to measure the torque applied to the brake. The gears used are
those described in Table 7. Both the initial configuration and the optimized one were tested
to validate the computational method. The tested maneuver involved ramping up from
10,000 rpm to 15,000 rpm. The microphone is positioned 10 mm from the e-axle, located
at the midpoint of the first two reduction stages, as shown in Figure 22. No additional
microphones are present in the test setup, as the computational model does not account for
dynamic effects such as wave reflections.

Point of
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Brake — ‘l ! i}» H
— Disc ‘ \—J
coupling Epia

Figure 22. Experimental setup details. Top left: schematic representation of the microphone position;
top right: image of the microphone position in the experimental setup; bottom: configuration of the
overall transmission system.

To account for the difference in microphone position between Masuda’s model (1 m
from the gears) and the experimental setup (1.4 cm from the first reduction stage and 2.1 cm
from the second stage), a correction is applied to the original formula. Specifically, an
additional contribution is added:

d
SPL7ot = SPLmasuda + 10g (di) (45)

where

dy is the distance between the center of the gear and the microphone in Masuda’s model;
d; is the distance between the center of the gear and the microphone in the experiment.
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Figure 23 illustrates the SPL for two distinct electric axle configurations. The red curve
represents the baseline, i.e., the non-optimized configuration, while the green curve corre-
sponds to the configuration obtained after the optimization process. Since the adopted method
does not account for the model’s nonlinear characteristics, the analysis is limited to the ramp-
up phase in both the experimental data and the simulation. Both experimental and simulation
results show a reduction in sound pressure level between the optimized and non-optimized
configurations. The simulations capture this effect, confirming the effectiveness of the calcula-
tion method. However, the model does not consider dynamic effects such as housing and
shaft resonances, which limits its ability to capture variations in the amplitude of the sound
pressure level. The comparison with experimental measurements supports the notion that
the improvements predicted by the calculations are consistent with the experimental results.
Additionally, it is observed that while Masuda’s method accurately captures the average
acoustic pressure levels, it does not adequately represent the system’s dynamic behavior.
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Figure 23. Comparison of experimental measurements and simulated noise emissions.

The observed improvement is primarily driven by the reduction in transmission
error (Figure 24), which, as highlighted in the literature, is a key factor influencing noise
transmission. The results suggest that the main cause of the reduction in acoustic emission
between the two configurations is linked to the reduction in peak-to-peak transmission
error. This reduction is achieved through both the optimization of microgeometry, which
increases the contact ratio and reduces variations in meshing stiffness, and the improvement
of profile geometry. However, this modeling approach does not fully address transmission
error, as it does not account for dynamic effects and system resonances that could amplify it.
A more comprehensive approach would involve a higher computational burden, making
it more suitable for detailed calculations. The methodology presented in this article is
intended to provide design guidelines during the early stages of development, with detailed
calculations reserved for the phases leading up to production implementation.
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Figure 24. Comparison of peak-to-peak transmission error for starting and optimized design.
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9. Conclusions

This work presents a two-stage optimization strategy aimed at enhancing the acoustic
performance of automotive electric axles through the refinement of gear macro- and micro-
geometry. The optimization framework is based on the NSGA-II evolutionary algorithm
and employs reduced-order lumped parameter models to describe the elastic behavior
of key transmission components, including electric motors, ball bearings, shafts, and
gear pairs. This modeling approach ensures a favorable trade-off between computational
efficiency and predictive accuracy.

The methodology was applied to an industrial case study and subsequently validated
through experimental measurements conducted on two electric axle prototypes. The opti-
mized configurations led to a significant reduction in noise emissions, primarily attributed
to the minimization of transmission error. The consistency observed between numerical
predictions and experimental results confirms the validity of the modeling assumptions
and simplifications adopted in the formulation of the lumped parameter models.

Minor deviations between simulation and test data were observed and are mainly due
to the absence of dynamic amplification effects in the current model formulation. These
discrepancies highlight the potential benefits of extending the models to include inertial
contributions and nonlinearities in the dynamic transmission error, thereby improving the
fidelity of the simulation results under dynamic operating conditions.

The proposed optimization methodology not only accelerates the convergence toward
acoustically optimal solutions but also ensures compliance with manufacturability con-
straints. Given its modular structure and computational efficiency, the approach can be
generalized and applied to a broad class of mechanical transmission systems, supporting
the development of low-noise, high-performance driveline architectures. Future work on
this topic should include the investigation of the coupling effect of the noise/vibration of
the motor with the gearbox and the effect of bearing typologies and dimensions.
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Appendix A
Appendix A.1

The nominal contact stress is calculated as

F t+1
=Zu-ZrZeZay| ——-
UHO H'4E Le L b T

(A1)

where
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Zp is the zone factor, which takes into account the influence of flank curvatures at the pitch
point on Hertzian pressure;

Zf is the elasticity factor, which takes into account specific properties of the material,
moduli of elasticity E, and Poisson’s ratios v;

Z, is the contact ratio factor, which takes into account the influence of the effective length
of the lines of contact;

Z pis the helix angle factor, which considers the influence of the helix angle, such as the
variation in the load along the lines of contact;

7T is the contact ratio of the single stage.

Further details on the computation of Zy, Zg, Z¢, and Z B factors can be found in [41].
To account for load variations relative to the nominal load, the following factors are
also introduced:

01 = 010-Zap*\/Ka-Ky-Krp-Keia (A2)
where

Zpp is the single-pair tooth contact factor that converts contact stress at the pitch point to
contact stress at the inner point;

K, is the application factor, which takes into account load increments due to externally
influenced variations in input or output torque;

Ky is the dynamic factor, which takes into account load increments due to internal dy-
namic effects;

Kpg is the face load factor for contact stress, which takes into account the effect of an
uneven load distribution over the face width on the contact stress;

K, is the transverse load factor for contact stress, which considers uneven load distribution
in the transverse direction, resulting, for example, from pitch deviations.

Details on how to evaluate the Zgp, K4, Ky and Ky, factors can be found in [47].
ISO 6336-2 [48], method B defines the allowable contact stress as the product between the
following coefficients:

0" .
Opp = <. 7). Zy-ZR-Zw-Zx-ZNT (A3)

S H,min

where

SH min is the minimum required safety factor for contact stress;

OH lim iS the stress limit that is computed according to [49], as a function of the material quality;
Z is the lubricant factor, which accounts for the influence of lubricant viscosity on the
effect of the lubricant film;

Zy is the velocity factor, which accounts for the influence of pitch line velocity on the effect
of the lubricant film;

Zp is the roughness factor, which accounts for the influence of surface roughness of the
flanks on the effect of the lubricant film;

Zy is the work hardening factor, which accounts for the effect of meshing with a surface-
hardened or similarly hard mating gear;

Zx is the size factor relevant to contact stress, which considers the influence of tooth
dimensions on the permissible contact stress;

Zyr is the life factor for test gears for contact stress. It considers the higher load capacity
for a limited number of load cycles.

The limit contact stress is the product between the minimum required safety factor
and the allowable contact stress:

OHG = OHP*SH,min (A4)
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Once oyp and oy are known, their ratio provides the pitting safety factor:
0
SH = “HG (Ab)
og
Appendix A.2
The nominal tooth root stress is evaluated as
Fi
po = -~ Yp-Ys-Yp-Yp-Ypr (A6)
My

where

Yr is the form factor, which takes into account the influence on nominal tooth root stress of
the tooth form, with load applied at the outer point of single pair tooth contact;

Y is the stress concentration factor, which is used to convert the nominal tooth root stress
to local tooth root stress. It takes into account the stress-amplifying effect of section change
at the filet radius at tooth root;

Yp is the helix angle factor, which compensates for the fact that the bending moment
intensity at the tooth root of helical gears is—as a consequence of the oblique lines of
contact—less than the corresponding value for the virtual spur gears used as the bases
for calculation;

Yp is the rim thickness factor, which adjusts the calculated tooth root stress for thin
rimmed gears;

Ypr is the deep tooth factor, which adjusts the calculated tooth root stress for high precision
gears with a high contact ratio &,.

To take into account the variations in load, multiplication factors are considered:
or = 0r0-Ka-Kv-Kpg-Krq (A7)

where

org is the nominal tooth root stress, which is the maximum local principal stress produced
at the tooth root when a gear pair is loaded by the static nominal torque;

K, is the application factor, which takes into account load increments due to externally
influenced variations in input or output torque;

Ky is the dynamic factor, which takes into account load increments due to internal
dynamic effects;

KFg is the face load factor for tooth root stress, which considers the effect of an uneven
load distribution over the face width on the stresses at the tooth root. The uneven load
distribution is due to mesh misalignment caused by inaccuracies in manufacture, elastic
deformations and so on;

KE, is the transverse load factor for tooth root stress, which considers uneven load distribu-
tion in the transverse direction.

Details on how to evaluate the factors K4, Ky, Kpg, and K, can be found in [47]. In
the following sections, a more detailed explanation of o is given. ISO 6336-3 [38], method
B, defines the allowable tooth root stress as the product between the following coefficients:

(% i
TP = =Y or Y- Yorel T Yreel T-Yx-YNT (A8)
SFmin

where

SF,iy is the minimum required safety factor for tooth root stress;
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OF lim i the limit stress and the value can be retrieved from [49], as a function of the material
quality and the core hardness;

Yt is the stress correction factor, depending on the standard reference test gear used to
characterize the material,;

Yy is the alternating bending factor, whose value depends on the gear working
conditions [50];

Y5.e1 T is the relative notch sensitivity factor. It is the ratio between the notch sensitivity
factor of the gear of interest and the standard test gear factor; it does not show any
significant dependence with respect to the number of cycles;

YRrer T is the relative surface factor. It is the ratio between the surface roughness factor of
tooth root filets of the gear of interest and the toot root filet factor of the reference test gear;
it does not show any significant dependence with respect to the number of cycles;

Yx is the size factor relevant to tooth strength, which is used to consider the influence of
tooth dimensions on tooth bending strength. Its value depends on the normal module
and on the material;

Yy is the life factor for tooth root stress. It considers the higher load capacity for a limited
number of load cycles. In practice, this is the parameter which makes the permissible stress
dependent on the number of cycles.

The limit root stress is the product between the minimum required safety factor and
the allowable tooth root stress:
0rG = 0rp-SFmin (A9)

Once orc and or are known, their ratio provides the bending safety factor:

Sp = 7FG (A10)
OF

Appendix A.3

The zero-load gear system losses are determined without considering the distinction
between splash and squeeze losses. The total hydraulic loss torque Ty of a gear stage is
determined using the following:

To = cspcleCZ(fTZ) (A11)
where u 15,
- (%) 5 a1
C; = 0.063 <hﬂh+hz) +0.0128 <bb>3 (A13)
e0 0
C, = ’720;}122 +02 (A14)

with .1, e the tip circle immersion depth with oil level stationary, b the tooth width, ke j;ax
the max tip circle immersion depth with oil level stationary, /. the height of point of contact
above the lowest point of the immersion gear, #,0 = 10 mm, by = 10 mm, v;0 = 10 m/s. I,
is the hydraulic length defined as

_ 4Ag

Iy = 0, (A15)

where A is the cross-sectional area of the flow (how much space the lubricant has to flow)

and U, is the wetted perimeter (how much of the fluid is in contact with solid surfaces).
The zero-load power loss can be calculated by multiplying the zero-load torque with

the angular velocity of the gear wheel of the stage. The total zero-load power loss is the



Machines 2025, 13, 330 28 of 30

sum of the zero-load power losses of all stage Nstqe, considering Ty ; is the loss torque and
n; the rotational speed of the gear wheel of the gear stage i:

Nstage n;
Pyzo= Y Thizg (Al6)
i=1

The load dependent gear loss is calculated according to Coulomb law:

Pyzp = Fy(x)-pu(x)-vg(x) (A17)

where F, is the tooth normal force, j the coefficient of friction, and v, the sliding speed
at each point x of the path of contact. The coefficient of friction is approximated in the
following way:

F 0.2
Pz = 0.048( ) 2P RaOP X (A18)

b VoilPoir
where Ra = 0.5 (Raj + Ray) is the average of the arithmetic roughness Ray /, of the pinion
and gear wheel, and the lubricant factor X (see more details in [40]), v, is the kinematic
viscosity, p,; the oil density, and 7,;; the dynamic viscosity.

The bearing loss torque, Ty, is split into zero-load, Ty, and load-dependent, Ty p1,
parts. In the case of axially loaded cylindrical roller bearings and axially loaded needle roller
bearings, an additional loss term, Ty pp, occurs, which is dependent on the magnitude of
the end thrust. These components are calculated separately and then added together to
give the following for the total loss torque:

Ty = Tyio + Tvier + Tvipe (A19)

The zero-load component depends on the bearing design, the type of lubrication, the
viscosity of the lubricant, and the bearing speed, with

1.6-108 fod3,, Vi1 < 2000
Tyro = 10 J " 3 o (A20)
10%° (voi1-n) 3 fody,,  Voi-ht > 2000

where fj depends on the bearing type and bearing lubrification (see more details in [40]),
n is the bearing speed, and d,, the mean bearing diameter. For calculation of the load-
dependent bearing loss torques, Ty p; and Ty py, the following relationship

Tyrp1 = f1P1°d5,10° (A21)

TyLpa = foFadm10°® (A22)

where f1, f are the bearing coefficient (see details in [40]), P is the equivalent bearing load,
and F, is the thrust load. From the calculated loss torque of each bearing Ty ;, Tyrp,, it is
possible to calculate the total bearing power loss of Nyging as follows:

N bearing Nstage

0
Pyro+Pyip= ) TVLO,iBT-lJ + Y. Tvipi
i=1 i=1

n;

% (A23)

For non-contacting seals, it can be assumed as an approximation that no contribution
to power loss occurs. The power loss for shaft seals is calculated according to [40] as

Pyp = 7.69-10°d% n
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